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Abstract

The mechanical properties of polymer gear transmissions are dependent on the operating
temperature. Therefore, the prediction of the temperature of polymer gears is an important
step during the design process. In this regard, analytical methods provide simple equations
to predict the bulk temperature, but its applicability is limited by the underlying theory.

In this work, a detailed background of the theoretical models that affect the temperature
rise phenomena of polymer gears is provided. The methods suggested by Hachmann (and its
implementation on VDI 2736 standard), Takanashi and Mao are derived from this common
theoretical background. The common points, strengths and limitations of the methods are
provided.

The methods are illustrated with a variety of numerical examples and compared to refer-
ence experimental results. This comparison allowed us to draw some conclusions, to provide
recommendations for the application of these methods, and identify potential measures of
improving their results.

Keywords: bulk temperature, polymer gear, friction, hysteresis, heat transfer

1. Introduction

Polymer gears are replacing metallic gears in a wide range of applications, as they offer
some interesting advantages compared to their metallic counterparts. From the manufactur-
ing point of view, they are easier to manufacture and they have a lower cost than metallic
gears, particularly for injection-molded gears. From the operating point of view, polymer
gears have a lower mass and a lower inertia than metallic gears, which combined with their
capability to dampen shocks and impacts can be advantageous in terms of the dynamic
response of the gear unit. Moreover, polymers offer good resistance to corrosion and they
have a low dry contact coefficient of friction, which enables polymer gear transmissions to
operate without lubricant.
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Compared to metallic gears, the applicability of polymer gears is mainly limited by their
low load carrying capacity and their sensitivity to the changes in their operating temperature.
Increments of temperature diminish the mechanical properties of polymer gear transmissions:
they reduce the elastic modulus of the polymer gear material, as well as the bending and
the rolling contact fatigue strength of the gears [1]. This is especially problematic, since
geared transmissions are subjected to elevated temperature increments produced by the
combined effect of a significant heat generation during the meshing of the teeth and a
low heat dissipation. For these reasons, the prediction of the temperature of the gears
in operating conditions is an important step during the design process of polymer gear
transmissions.

The determination of the operating temperature of polymer gears can either be accom-
plished by numerical or analytical methods. In the great majority of these methods, the
temperature rise of the gears is described by the superposition of two contributions: the bulk
and the flash temperatures [2]. The bulk temperature denotes the long-term temperature
rise throughout the gear structure. The flash temperature defines the local, almost instan-
taneous, temperature rise around the heat source [3, 4]. Both temperature contributions
can have important consequences over the integrity of polymer gears: the increment of the
bulk temperature reduces the fatigue strength of the gears [1, 5] and can cause the yielding
of the polymer material [6], whereas the flash temperature is related to the scuffing of the
gear surfaces [7].

Although some exceptions can be found [8–10], numerical methods for the determination
of the operating temperature of polymer gears are usually based on a finite element thermal
analysis. Relevant works in this field are those conducted by Fernandes [11, 12], Roda-
Casanova [13–15] and Černe [4]. In general, these numerical methods provide a comprehen-
sive description of the temperature field along the polymer gears in operating conditions, but
they usually require elevated preparation times and they have an additional computational
cost. A big computational cost can be an important issue, specially when these methods
are used for gear optimization purposes [16, 17]. Moreover, they require knowledge and
resources that may not always be available to the gear designer.

On the other hand, analytical methods are typically fast and easy to implement. Here,
the methods for calculating the flash and the bulk temperature differ. The most important
method for the calculation of the flash temperature is provided by Blok [3]. Blok’s method
has been adopted by several gear design standards to assess metallic gears scuffing, and it
has been analysed in depth in the works of Tobe [18] and Mao [19].

Regarding the analytical methods to determine the bulk temperature of polymer gears,
the most simple ones are those consisting in empirical equations in which a set of coefficients
is adjusted to match the results obtained from experimental analyses. Examples of empirical
models were proposed by Gauvin [20] or the one included in ESDU 68001 [21]. These
models can be useful in some situations, but their applicability is limited by the number of
experiments carried out to tune the adjusting coefficients [19] and they usually bring small
physical insight into the problem.

More comprehensive analytical methods to calculate the bulk temperature of polymer
gears are based on the first law of thermodynamics. In these methods the bulk temperature

2



of the gears is calculated by establishing a thermal equilibrium between the heat gener-
ated during the meshing of the gears and the thermal energy dissipated by heat transfer
mechanisms.

Following this principle, the first relevant method was derived in 1966 by Hachmann
and Strickle [22]. In this method, a thermal equilibrium is established between the heat
generated by friction and the heat dissipated by convection from the gear. This method
has been trusted by important organizations to develop design guidelines and standards
such as the VDI 2736 [5] and the BS 6168:1987 [23]. Hachmann’s method, or his derived
versions, have been widely used in the literature for gear optimization purposes [17, 24], to
examine the durability of steel/PEEK gear pairs [25], to investigate the potential of bio-
based polymer gears [26], and to compare its results to the ones obtained from experimental
analyses [27, 28].

More than a decade later, Takanashi and Shoji [29, 30] proposed a method in which
the thermal equilibrium is established between the heat generated by friction/hysteresis and
the heat dissipated by convection. The Takanashi method has been subjected to several
enhancements, either made by the author himself [31, 32] or by other authors [33], and its
performance was validated by Terashima [34]. In detriment of Takanashi’s method it must
be said that several authors [28, 35] have pointed out that this method is difficult to use
because of the lack of material data in the literature to calculate the hysteresis losses.

More recently, an analytical method for the calculation of the bulk temperature of poly-
mer gears was developed by Hooke and Mao [36] in 1993. In this method the thermal
behaviour of the gear unit is approached to that one of a gear pump, and the thermal equi-
librium is established between the heat generated by friction and the heat dissipated by
convection. The method was validated by experimental analyses conducted by Mao, and
also by other authors [37].

These analytical methods provide relatively simple equations that allow to predict the
bulk temperature of polymer gear transmissions, but its applicability is limited due to its
underlying theory. So, in order to obtain reliable results from the application of these
methods, it is very important to know and understand these limitations. Thus, in this work,
the methods proposed by Hachmann [22], Takanashi [30] and Mao [19] are analysed and
compared with the following objectives:

1. To provide a detailed background of the theoretical models that affect the tempera-
ture rise phenomena of polymer gears (frictional and hysteretic heat generation and
convective heat dissipation).

2. To derive the selected models from this common theoretical background, in order to
provide a better understanding of their common points, strengths and limitations.

3. To illustrate the application of these methods with a variety of numerical examples
and compare the obtained results to reference experimental results.

2. Statement of the problem

The great majority of the analytical methods used to predict the bulk temperature of
polymer gears are based on the first law of thermodynamics. This law establishes that the
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net change in the total energy of the system ∆E is equal to the difference between the total
energy entering the system Ein and the total energy leaving the system Eout during that
process.

When the first law of thermodynamics is used to predict the bulk temperature of polymer
gears, only thermal energy (heat) is taken into account in the energy balance. Furthermore,
the bulk temperature is calculated for gears operating in steady state conditions, meaning
that there is no energy change in the system (i.e. ∆E = 0). In other words, the heat
entering the system must balance the heat leaving the system:

Ein = Eout (1)

In polymer gear drives, the heat entering the system comes from two different sources:

� The frictional power losses that are produced as a consequence of the rolling and sliding
relative motion between gear teeth. According to tribologists [2], almost all the energy
dissipated in frictional contacts is transformed into frictional heat.

� The hysteresis power losses caused by the viscoelastic deformation of the gears, which
are mostly dissipated as hysteretic heat. There are several works [4, 38, 39] that
report that hysteresis losses are small compared to the frictional losses and, for this
reason, they are neglected in some temperature calculation models [5, 19, 22]. In
contrast, other works [30] indicate that hysteretic heat may have an important role in
the temperature rise of the gears. This controversy indicates that attention must be
paid to this phenomenon.

Denoting the heat generated by friction by Ef and the heat generated by hysteresis by
Eh, the heat entering the system can be defined as:

Ein = Ef + Eh (2)

On the other hand, heat can be removed from the system by three heat transfer mecha-
nisms [40]:

� Conduction, which is the transfer of energy from the more energetic particles of a
substance to the adjacent less energetic ones as a result of interactions between the
particles.

� Convection, which is the transfer of energy between a solid surface and the adjacent
liquid or gas that is in motion, and it involves the combined effects of conduction and
fluid motion.

� Radiation, which is the energy emitted by matter in the form of electromagnetic waves
as a result of the changes in the electronic configurations of the atoms or molecules.
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In the application of analytical methods to the prediction of the bulk temperature of
polymer gears, it is common to consider that the whole thermal system has the same temper-
ature and, in this case, heat conduction vanishes. Moreover, the amount of heat dissipated
by radiation is so small compared to the amount of heat dissipated by convection that it is
usually neglected in the calculations. Taking this into account, it can be said that all the
heat is dissipated from the gears by convection (Ec):

Eout = Ec (3)

Thus, in general and inserting equations (2) and (3) into Eq. (1), the following expression
is obtained:

Ef + Eh = Ec (4)

The previous equation can also be written in terms of average thermal power:

Ef
tcycle

+
Eh
tcycle

=
Ec
tcycle

→ Q̂f + Q̂h = Q̂c (5)

where tcycle is the time it takes to the gear to complete a revolution, Q̂f is the average

frictional power, Q̂h is the average hysteretic power and Q̂c is the average convective power.
The problem of determining Ef , Eh and Ec (or Q̂f , Q̂h and Q̂c) is at the core of all the
analytical methods used to determine the bulk temperature of polymer gears, and it is
covered in the following sections.

3. Heat generated by sliding friction

Consider a spur gear pair as the one shown in Fig. 1a. The pinion is rotating around
point O1 at an angular speed ω1, and the wheel is rotating around point O2 at an angular
speed ω2. An input torque M1 is applied over the pinion, whereas an output torque M2

is applied at the wheel. The number of teeth of pinion and wheel is given by z1 and z2,
respectively. Both pinion and wheel have involute profiles, and the contact ratio of the
transmission is 1 < εα < 2.

The point where the pinion profile contacts the gear profile is denoted by point Y . From
a theoretical point of view, and since the gears have involute profiles, point Y is always
located over a line that is usually referred to as the line of action. The line of action is
tangent to the pinion and wheel base circles at points N1 and N2, respectively. The point
where the line of action intersects the line of centers O1O2 is denoted by pitch point C.
The position of the point of contact Y with respect to point C is defined by the intrinsic
coordinate ξ.

Figure 1b shows some points of interest that can be found over the line of action. Points
A and E represent the beginning and the end of the engagement of a pair of teeth, respec-
tively. In the interval comprised between points B and D the contact occurs only between
a pair of teeth, whereas outside of the interval BD the contact occurs between two teeth
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Figure 1: Definition of line of action and points of interest

simultaneously. Each one of these points has an associated intrinsic coordinate ξA, ξB, ξD
and ξE.

The instantaneous frictional power loss as a consequence of the engagement of a pair of
teeth can be defined as:

Qf,th(ξ) = Ff (ξ) · vs(ξ) (6)

where Ff (ξ) is the tangential contact force and vs(ξ) is the sliding speed at the point of
contact, which can be calculated as [63]:

vs(ξ) =

∣∣∣∣ω1 · ξ ·
z1 + z2

z2

∣∣∣∣ (7)

On the other hand, the Coulomb law of friction allows us to relate the tangential contact
force Ff (ξ) to the normal contact force Fn(ξ) through the coefficient of friction µ(ξ). Besides
that, it is common to define the normal contact force Fn(ξ) as the multiplication of the
nominal load along the line of action Fbn by the load sharing function β(ξ):
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Ff (ξ) = µ(ξ) · Fn(ξ) = µ(ξ) · Fbn · β(ξ) (8)

Equation (9) may be written by substituting Eq. (8) into Eq. (6), and multiplying and
dividing the resulting expression by speed of the point of contact vbn:

Qf,th(ξ) = µ(ξ) · Pin · β(ξ) · vs(ξ)
vbn

(9)

where Pin = Fbn · vbn is the input power.
Assuming that all the energy dissipated in frictional contacts is transformed into heat, the

frictional heat that is generated during the engagement of a pair of teeth can be calculated
as:

Ef,th =
2

db1 · ω1

∫ ξE

ξA

Qf,th(ξ) dξ (10)

where db1 is the base diameter of the pinion. The average frictional thermal power generated
during the meshing of the gears can be calculated as:

Q̂f =
z1

t1
· Ef,th =

1

pb

∫ ξE

ξA

Qf,th(ξ) dξ (11)

Here, t1 = 2·π rad
ω1

is the time it takes to the pinion to complete a revolution and pb is the
base pitch of the transmission.

3.1. Heat partition factor

As stated before, the frictional power losses that occur during the meshing of a pair of
teeth are dissipated as frictional heat. Some of this heat goes into the pinion and the rest
goes into the wheel, in such a way that the following equation is fulfilled:

Qf,th(ξ) = Qf,th1(ξ) +Qf,th2(ξ) (12)

where Qf,th1(ξ) is the thermal power entering the pinion tooth and Qf,th2(ξ) is the thermal
power entering the wheel tooth. In practice, heat partition is accomplished by means of a
heat partition factor ϕ(ξ), which represents the fraction of heat entering the pinion. Thus,
the following equation can be written:

Qf,th1(ξ) = Qf,th(ξ) · ϕ(ξ) (13)

Taking this into account, the frictional heat entering a pinion tooth Ef,th1 and the average

frictional thermal power entering the pinion Q̂f,1 can be calculated as:

Ef,th1 =
2

db1 · ω1

∫ ξE

ξA

Qf,th1(ξ) dξ (14a)

Q̂f,1 =
z1

t1
· Ef,th1 (14b)
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Equations (14a) and (14b) can be easily adapted to determine the frictional heat and
the average frictional thermal power entering the wheel.

Calculation of the heat partition factor can be tackled down in different ways, and
Gurskii [42] provides a good review of them. Among these methods, it can be said that
the most relevant is the one proposed by Blok [3], which consists on the application of the
following equation:

ϕ(ξ) =
e1 ·
√
vr1(ξ)

e1 ·
√
vr1(ξ) + e2 ·

√
vr2(ξ)

(15)

where vr1(ξ) is the rolling speed of the pinion, vr2(ξ) is the rolling speed of the wheel and
e1 and e2 are the thermal effusivities of pinion and wheel, respectively.

3.2. Common simplifications and other considerations

One of the main advantages of the analytical methods is that they usually offer an easy
solution to a complex problem. Such an easy solution comes from the adoption of some
simplifying assumptions, which in some cases reduce the accuracy of the method. In the
case of the analytical methods for the calculation of the bulk temperature of polymer gears,
these simplifications mostly affect the prediction of the coefficient of friction and the load
sharing function.

The prediction of coefficient of friction and its variation along the line of action is well
established for gears operating under elastohydrodynamic lubrication [43–48], but only a
small number of works can be found related to the prediction of the coefficient of friction
for polymer gear pairs [49–52]. Nevertheless, a common assumption in the models that
constitute the scope of this work [5, 30, 36] is to consider that the coefficient of friction has a
constant magnitude along the line of action, in such a way that µ(ξ) = µ. This assumption
allow us to rewrite Eq. (11) as:

Q̂f = µ · Pin ·HV (16)

where HV is defined as the degree of tooth loss [53]:

HV =
1

pb
·
∫ ξE

ξA

β(ξ) · vs(ξ)
vn

dξ (17)

The previous equation includes the load sharing function β(ξ), which in the case of
polymer gear transmissions takes complex shapes [54, 55]. To provide an example, Fig. 2a
shows the load sharing function for a polymer gear pair, calculated using the finite element
model described in Ref. [14]. To avoid this complexity and assuming a perfect load sharing
between teeth, in the great majority of the cases the load sharing function is approached to
a stepped function, as the one shown in Fig. 2b.

Figure 2 also allows us to observe another important phenomena that affects the heat
generation by sliding friction in polymer gear transmissions: the contact out of the line
of action. As it has already been reported by several authors [56–58], polymer gears are
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Figure 2: Load sharing functions: (a) FEM model according to [14] and (b) rigid model vs. FEM.

subjected to large deflections that can cause a premature contact occurring before the the-
oretical initial point of contact (denoted by ξA in Fig. 2) and an extended contact after
the theoretical end of the contact (denoted by ξE in Fig. 2). Out of the line of action,
contact typically occurs at the tip of the pinion and wheel teeth, where maximum rates of
heat generation are produced [14]. For this reason, this phenomenon can have an impor-
tant repercussion over the operating temperature of the gears. Although some efforts have
been made to consider the side-effects of the contact out of the line of action [38], they are
neglected in the analytical methods that constitute the scope of this work.

Following the previous assumptions (a constant coefficient of friction and a stepped load
sharing between teeth), several formulas to perform an approximated evaluation of Eq. (17)
can be found on the literature [43, 59, 60], which are analyzed and compared in Ref. [61].

Finally, another common assumption in some of the reviewed methods [5, 22] is the use
of an average heat partition factor ϕ̂. This averaged heat partition factor can be calculated
as the ratio between the average frictional thermal power entering the pinion and the total
thermal power generated by friction. Considering Eq. (16), the following relation holds:

ϕ̂ =
Q̂f,1

Q̂f

→ Q̂f,1 = µ · Pin ·HV · ϕ̂ (18)

4. Heat generated by hysteresis losses

Figure 3 summarizes the application of the Kelvin-Voigt rheological model for the de-
termination of the response of a gear tooth made of viscoelastic material [30]. The gear
tooth is referred to an inertial coordinate frame that is rigidly connected to the gear, in such
a way that its rigid body motions are neglected. The behavior of the tooth under load is
represented by a viscous damper (with damping coefficient c) and an elastic spring (with
elastic coefficient k), which are connected in parallel and aligned in the direction of the line
of action. A force Fn is applied at point Y in the direction of the line of action and the
response of the system, in terms of displacement u and velocity u̇ of the point Y, is given
by the following differential equation:
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Figure 3: Kelvin-Voigt rheological model

k · u+ c · u̇ = Fn (19)

This differential equation does not have a general closed-form solution, but it can be
solved using numerical methods such as the Runge-Kutta [62]. However, closed-form so-
lutions are preferred to be used in analytical methods to calculate the bulk temperature
of polymer gears, because they are faster and easier to implement. For these reasons, it
is common to make some simplificative assumptions under which it is possible to obtain a
closed-form solution for Eq. 19. In this line, considering k, c and Fn constant along the line
of action, and assuming u(0) = 0, a closed-form solution for Eq. 19 can be obtained as:

u̇(t) =
Fn
c
· e−k·t/c (20)

Considering this closed-form solution, the instantaneous power dissipated by the viscous
damper can be calculated as:

Qh(t) = c · u̇(t) · u̇(t) =
F 2
n

c
· e−2·k·t/c (21)

Finally, and assuming that all the hysteresis power losses are dissipated as heat, the
hysteretic heat generated over a period of time of duration ∆t is calculated as:

Eh =

∫ ∆t

0

Qh(t) dt =
F 2
n

2 · k
·
(
1− e−2·k·∆t/c) (22)

Stiffness coefficient k represents the single tooth stiffness and accounts for the deforma-
tions produced by the contact and the bending of the tooth. Several authors [20, 38] have
reported that hysteresis produced by bending is small compared to the one produced by
contact deformation. Based on this hypothesis, other methods [32, 38] have been derived
for the determination of the hysteresis heat, considering only the contact deformation and
neglecting the bending of the tooth.
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5. Heat dissipated by convection: Newton’s law of cooling

Despite the complexity of this phenomenon, the heat dissipated by convection is observed
to be proportional to the difference between the temperature of the surface T and the
temperature of the surrounding air sufficiently far from the surface T∞. This behaviour is
conveniently expressed by Newton’s law of cooling as:

Q̂c = hc · Ac · (T − T∞) (23)

where hc is the convective heat transfer coefficient and Ac is the area of the surface through
which convection heat transfer takes place.

The convective heat transfer coefficient is not a material property and needs to be de-
termined from experimental analyses. It depends on the geometry of the body, the thermal
properties of the fluid and the relative motion between the fluid and the studied body. The
heat transfer coefficient is often calculated as:

hc = Nu · λair
Lc

(24)

where λair is the thermal conductivity of the surrounding air, Lc represents the characteristic
length of the observed surface and Nu is the Nusselt number. For forced convection, the
Nusselt number is generally a function of the Reynolds number Re and the Prandtl number
Pr, which can be expressed as:

Nu = C1 ·ReC2 · PrC3 (25)

where C1, C2 and C3 are constants to be determined experimentally for each particular
geometry and boundary conditions [40]. Substituting Eq. (25) into Eq. (24) and considering
the definitions for the Reynolds and the Prandtl numbers, the following equation is obtained
for the heat transfer coefficient:

hc = C1 ·
λair
Lc
·
(
vair · Lc
νair

)C2

·
(
νair
αair

)C3

(26)

where vair is the relative speed of the air with respect to the observed surface, and νair
and αair are the kinematic viscosity and the thermal diffusivity of the surrounding air,
respectively.

6. Hachmann and Strickle method and its application in VDI 2376 Standard

Figure 4 shows the thermal model proposed by Hachmann and Strickle [22], which con-
sists of a gear case and the considered polymer gear (either the pinion or the wheel). In
this model, the corresponding part of the heat generated by friction (Q̂f,1) is released over
the polymer gear, which remains at a temperature T . Since thermal equilibrium must be
fulfilled, the frictional heat released over the selected gear must be dissipated by convection
to the air within the gear case (Q̂f,1 = Q̂c,V ), which remains at a temperature Ti. Finally,
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this heat is dissipated by convection to the ambient air (Q̂c,V = Q̂c,V g), which remains at a
temperature T∞. The following equation holds:

Q̂f,1 = Q̂c,V = Q̂c,V g (27)

Qf,1 Qc,V Qc,Vg

T

T
i T∞

Considered
polymer gear

Gear case

Figure 4: Thermal model considered by Hachmann and Strickle

6.1. Heat generation model

Hachmann used Eq. (18) to calculate the average frictional thermal power entering the
pinion. In this case, the degree of tooth loss (given by Eq. (17)) was approximated as [63]:

HV = 2.6 · z1 + z2

z1 · (z2 + 5)
(28)

The previous equation was derived for a standard spur gear pair, with a pressure angle
of 20◦ and no profile shift coefficients. In order to enable the application of this temperature
calculation method to other gear geometries, the VDI 2736 standard approximates the degree
of tooth loss using the following equation [59]:

HV =
π · (z1 + z2)

z1 · z2 · cos βb
·
(
1− ε1 − ε2 + ε2

1 + ε2
2

)
(29)

where ε1 and ε2 are the partial contact ratios and βb is the base helix angle (for helical gears).
By replacing Eq. (28) with Eq. (29) in the calculation of the average frictional thermal power
entering the pinion, it is possible to consider gear modifications, different axis distances, and
to calculate the degree of tooth loss for helical gears.

Replacing Eq. (29) into Eq. (18), the following equation is obtained for the calculation
of the average frictional thermal power entering the pinion:

Q̂f,1 = µ · Pin ·
π · (z1 + z2)

z1 · z2 · cos βb
·
(
1− ε1 − ε2 + ε2

1 + ε2
2

)
· ϕ̂ (30)
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6.2. Heat dissipation model

As it is reflected in Fig. 4, Hachmann’s heat dissipation model takes into account the
heat dissipated from the polymer gear to the air within the gear case, and the dissipation of
this heat to the ambient air. Both convection phenomena are modeled using Newton’s law
of cooling (see section 5), in such a way that setting Q̂c,V = Q̂c,V g and solving for Q̂c,V the
following equation is obtained:

Q̂c,V = (T − T∞) ·
(

1

hc,V · Ac,V
+

1

hc,V g · Ac,V g

)−1

(31)

Here, Ac,V is the convective area and hc,V is the convective heat transfer coefficient for
the polymer gear, and they constitute the heat dissipation model of the gear. On the other
hand, Ac,V g is the convective area and hc,V g is the convective heat transfer coefficient for the
gear case.

To develop the heat dissipation model of the polymer gear, each tooth of the gear is
approached to a plate of width b and height k1 ·m, and the gear is substituted by a set of z
rotating plates. By doing so, the convective area of the gear is:

Ac,V = z · k1 ·m · b (32)

where k1 is an empirical coefficient to adjust the size of the convective area. On the other
hand, the convective heat transfer is calculated using Eq. (26), assuming that the charac-
teristic length of the plates is Lc = π ·m and setting C2 = C3 = 3/4:

hc,V = C1 ·
λair
π ·m

·
(
vair · π ·m

νair

)3/4

·
(
νair
αair

)3/4

(33a)

hc,V =
C1 · π3/4

π
· λair
m
·
(
vair ·m
αair

)3/4

' 1

20
· λair
m
·
(
vair ·m
αair

)3/4

(33b)

Substituting Eq. (33b) and Eq. (32) into Eq. (31), the following equation is obtained for
the convective heat dissipation of the polymer gear:

Q̂c,V = (T − T∞) ·

(
20 · α3/4

air

k1 · b · z · λair · (vair ·m)3/4
+

1

hc,V g · Ac,V g

)−1

(34)

For comparison purposes, an additional magnitude q̂c,V is derived from Eq. (31), which
represents the heat convection per temperature change for the observed polymer gear and
it is calculated as follows:

q̂c,V =
Q̂c,V

T − T∞
=

(
20 · α3/4

air

k1 · b · z · λair · (vair ·m)3/4
+

1

hc,V g · Ac,V g

)−1

(35)
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6.3. Temperature calculation model

By replacing Eq. (30) and Eq. (34) into Eq. (27) the following equation is obtained for
the calculation of the temperature of a polymer gear:

T = T∞ + µ · Pin ·HV ·

(
kϑ

b · z · (vair ·m)3/4
+
Rλ,G

Ac,V g

)
· ED0.64 (36)

where Rλ,G = ϕ̂
hc,V g

and kϑ is defined as:

kϑ =
20 · ϕ̂ · α3/4

air

k1 · λair
(37)

The previous equation also includes the term ED0.64, which is aimed to consider the tran-
sient thermal behavior of the polymer gear pair. Here, ED is the relative tooth-engagement
time, as defined in Ref. [64], which varies between 0 and 1.

Using Eq. (36), the temperature T can be determined both for the flank or root position
by choosing the adequate kϑ and Rλ,G factors as presented in Ref. [5]. Here it is important to
mention that, as explained by Houz [7], the flank temperature estimated using this method
represents the mean temperature integrated along the length of the flank, and it should
not be confused with the maximum instantaneous flash temperature. In this work, which
is focused on the calculation of the bulk temperature, heat transfer coefficients kϑ for root
position will be used.

6.4. Remark on the average heat partition factor in VDI 2736 standard

Table 1 shows the values proposed by VDI 2736 standard [5] for heat transfer coefficient
kϑ at the root of the tooth. As reflected in Eq. (37), this coefficient is dependent on the
average heat partition factor ϕ̂ and on the empirical coefficient k1, whose values are not
given explicitly in VDI 2736 standard. In this section, some inferences are made to obtain
reference values for these coefficients, in order to provide a better understanding of the
performance of the method.

Table 1: Guide values for dry-running gears according to VDI 2736 [5].

Pairing kϑ root k1 ϕ̂

Polymer/polymer 2148 K(m/s)0.75mm1.75/W 10.16 0.50
Polymer/steel 895 K(m/s)0.75mm1.75/W 10.16 0.21

Let us first consider a polymer gear transmission in which the pinion and the wheel are
made of the same material. Assuming that the pinion and the wheel have the same geometry,
then the average heat partition factor is ϕ̂ = 0.5. In this case, solving Eq. 37 for k1, and
considering the magnitude for kϑ shown in Tab. 1, together with the typical magnitudes for
λair and αair, it is obtained that k1 ' 10.16.
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Now, let us consider a gear transmission in which the pinion and the wheel are made
from different materials. Note that the calculated coefficient k1 should not vary with the
material combination of the gear pair. Solving Eq. 37 for ϕ̂, and considering the magnitude
for kϑ shown in Tab. 1, the average heat partition factor for polymer/steel gear pairs is
ϕ̂ ' 0.21.

Finally, it is important to remark that the estimated values for k1 and ϕ̂ does not affect
the accuracy of the method, as they are already implicit in the provided values of kϑ.

7. Takanashi and Shoji method

Figure 5 shows the thermal model proposed by Takanashi [29, 30]. In this model, the
thermal system is composed by a gear tooth. The corresponding part of the heat generated
by friction (Ef,th1) and the heat generated by hysteresis (Eh,th1) are released over the gear
tooth, which remains at a temperature T . Since thermal equilibrium must be guaranteed,
this heat is entirely dissipated by convection to the surrounding air, which remains at a
temperature T∞. The following equation holds:

Ef,th1 + Eh,th1 = Ec,T (38)

Ef,th1

T

T∞

Eh,th1

Ec,T

Considered
gear tooth

Figure 5: Thermal model considered by Takanashi

7.1. Heat generation model

For the calculation of the frictional heat entering the pinion tooth, Takanashi relies on the
application of Eq. (14a) in combination with Blok’s definition for the heat partition factor
(given by Eq. (15)). The integral present in Eq. (14a) is evaluated dividing the domain
(segment AE over the line of action) into four intervals i = [AB,BC,CD,DE] (Figs. 1
and 2). Then, considering a constant coefficient of friction throughout the line of action and
using the midpoint integration rule, the following equation is obtained:

Ef,th1 = µ · Fbn ·
∑
i

βi · vs,i · ϕi ·∆ti (39)
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where βi, vs,i and ϕi are the load sharing factor, the sliding speed and the heat partition
coefficient at the middle of the considered segment i, respectively. On the other hand, ∆ti
is the duration of the contact in such a segment.

To enable the comparison between models, the average frictional thermal power entering
the pinion is calculated from Ef,th1 as described by Eq.(14b):

Q̂f,1 =
z1

t1
· Ef,th1 =

z1

t1
·

[
µ · Fbn ·

∑
i

βi · vs,i · ϕi ·∆ti

]
(40)

For the calculation of the heat generated by hysteresis, Takanashi also divides the line of
action into four intervals i = [AB,BC,CD,DE]. For each one of these intervals, Eq. (22) is
applied considering that the stiffness, the damping coefficient and the applied force remain
constant during all the interval. It must be emphasized that this assumption is important
in order to obtain a closed form solution for Eq. (19). By doing so, the following equation
is obtained:

Eh,th1 =
F 2
bn

2
·
∑
i

β2
i

ki
·
(
1− e−2·ki·∆ti/ci

)
(41)

where ki and ci are the single tooth stiffness and the average damping coefficient at interval
i, respectively. Takanashi provides a simple method for the calculation of the single tooth
stiffness, which is based on the works of Timoshenko [65] and Caldwell [66]. Other enhanced
methods can be found in the literature for the calculation of the single tooth stiffness [67, 68],
and a good review of them is provided in Ref. [69]. However, it is important to mention that
the great majority of these methods are based on the small strain elasticity theory, and their
validity for polymer gears (which usually undergo large deformations) has not been tested.
Finally, Tab. 2 provides some reference values for the damping coefficient c, extracted from
Ref. [49].

Table 2: Guide values for damping coefficient per unit face width ci/b / N s/mm2 [49].

Temperature PA6 POM
15 °C 0.796 0.396
30 °C 1.245 0.482
45 °C 1.874 0.525

7.2. Heat dissipation model

In Takanashi’s model, the heat dissipated by convection from the considered gear tooth,
during a revolution of the pinion whose duration is given by t1, can be calculated considering
Eq. (23) as:

Ec,T = Q̂c,T · t1 = hc,T · Ac,T · (T − T∞) · t1 (42)
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where Ac,T and hc,T are the convective area and heat transfer coefficient of the gear tooth,
respectively. In Takanashi’s original model [30], the convective heat transfer coefficient is
calculated using Eq. (26), assuming that the characteristic length of the plate is Lc = m,

C1 = 1.75 ·
(
m
b

)1.5
, C2 = 0.45 and C3 = 0.4:

hc,T =

[
1.75 ·

(m
b

)1.5
]
· λair
m
·
(
m · vair
νair

)0.45

·
(
νair
αair

)0.4

(43)

More recently, Takanashi has provided different definitions for the convective heat trans-
fer coefficient [31, 32], with different magnitudes for constants C1, C2 and C3. In a re-
cent book, Erhard [33] provided the following equation for the heat transfer coefficient in
Takanashi’s model, which is the one considered in this work:

hc,T =
λair
m
·
(m
b

)0.05

·
(
m · vair
νair

)0.4

(44)

Neither Takanashi [30–32] nor Erhard [33] provide further details on how to calculate
the convective area of the gear tooth Ac,T . However, making an analogy to the convection
of plates theory the area for a gear tooth would be:

Ac,T = b · (ra − rf ) (45)

where ra and rf are the tip and the root radius of the gear, respectively.
For comparison purposes, an additional magnitude q̂c,T is derived from Eq. (42), which

represents the heat convection per temperature change for the observed polymer gear, and
it is calculated as:

q̂c,T = z1 ·
Q̂c,T

T − T∞
= z1 ·

[
b · (ra − rf ) ·

λair
m
·
(m
b

)0.05

·
(
m · vair
νair

)0.4
]

(46)

Since Takanashi’s model was derived to calculate the heat dissipated by convection from
a single gear tooth, the factor z1 is introduced in the previous equation to calculate the heat
dissipated by convection by the whole pinion.

7.3. Temperature calculation model

By replacing Eq. (42) into Eq. (38) the following equation is obtained for the calculation
of the temperature of a polymer pinion:

T = T∞ +
Ef,th1 + Eh,th1

hc,T · Ac,T · t1
(47)

where Ef,th1 and Eh,th1 are calculated according to Eq. (39) and Eq. (41), respectively.
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8. Mao and Hooke method

Figure 6 shows the thermal model proposed by Mao and Hooke [36]. In this model the
thermal behaviour of the polymer gear pair is approximated to that of a gear pump. During
the operation of this gear pump, pockets of air are trapped between the gear teeth, which
are carried around and heated as the gears rotate. This warm air is expelled as the gears
mesh and it is replaced by cold air as the teeth pull apart.

T∞

Gear pump

T

Qf

Qc,M

Wheel
Pinion

ω1

Figure 6: Thermal model considered by Mao

Mao model was developed under the assumption that the pinion and the wheel are
identical (same geometry and same material). Besides that, Mao assumed that the air that
is trapped within each tooth pocket reaches a temperature close to that of the gear surfaces,
and that no heat is lost by convection from the open ends. Turbulence within each pocket
will ensure that the non-contacting gear surface is heated to a temperature close to that of
the contacting surfaces.

Thus, the average frictional thermal power (Q̂f ) is released over the polymer gears,
increasing their temperature. To satisfy the thermal equilibrium, this heat is transferred
from the gears to the air that is trapped in the pockets between their teeth. When this air
is expelled from the gear pump, heat (Q̂c,M) is removed, so the following equation holds:

Q̂f = Q̂c,M (48)

8.1. Heat generation model

The average frictional thermal power Q̂f is calculated following the definition provided
by Eq. (16). Performing a similar approach to that taken by Ohlendorf [59], but specified
for a spur gear transmission in which the pinion and the wheel have the same number of
teeth (z1 = z2 = z), the degree of tooth loss is given by:
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HV =
π

z
·
(
ε2
α − 2 · εα + 2

)
(49)

By doing an additional assumption in which εα = 1.5, Mao was able to simplify the
previous equation to:

HV =
1.25 · π

z
(50)

Replacing Eq. (50) into Eq. (16), the following equation is obtained for the calculation
of the average frictional thermal power:

Q̂f = µ · Pin ·
1.25 · π

z
(51)

To enable the comparison between models, the average frictional thermal power entering
the pinion is calculated as described by Eq.(18):

Q̂f,1 = µ · Pin ·HV · ϕ̂ = µ · Pin ·
[

1.25 · π
z

]
· 1

2
(52)

Here, it is worth emphasizing that Mao’s model considers that both pinion and wheel
are identical (same geometry and same material). For this reason, it is fair to assume that
frictional heat is evenly distributed between both gears, thus imposing an average heat
partition factor ϕ̂ = 1/2 in Eq. (52).

8.2. Heat dissipation model

The amount of heat dissipated by convection can be determined by considering the heat
capacity of the displaced air:

Q̂c,M =
dmair

dt
· cpair · (T − T∞) (53)

where dmair

dt
is the mass rate of displaced air, cpair is the specific heat of the air, T is the

temperature of the air, and T∞ is the temperature of the fluid sufficiently far from the gear
surface. The mass rate of displaced air can be expressed as:

dmair

dt
= ω · Vair · ρair (54)

where ω is the rotating speed of the gears, ρair is the density of the air and Vair is the volume
of air expelled in each revolution:

Vair = 2 · b · π ·
(
r2
a − r2

)
(55)

where b is the face width of the gears, ra is the tip radius and r is the reference radius of
the gear. Considering the previous equations, the amount of heat dissipated by convection
can be calculated as:
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Q̂c,M = ω · 2 · b · π ·
(
r2
a − r2

)
· ρair · cpair · (T − T∞) (56)

For comparison purposes, the heat convection per temperature change for the observed
polymer gear (q̂c,M) is derived from Eq. (53), and it is calculated as:

q̂c,M =
1

2
· Q̂c,M

T − T∞
=

1

2
·
[
ω · 2 · b · π ·

(
r2
a − r2

)
· ρair · cpair

]
(57)

Here, a factor of 1/2 is introduced because in Mao’s model the magnitude Q̂c,M corre-
sponds to the heat dissipated from the gear pair. Since in this model it is assumed that
both gears are identical, it is reasonable to assume that the heat dissipated from one gear
is half the heat dissipated from the gear pair.

8.3. Temperature calculation model

By replacing Eq. (51) and Eq. (56) into Eq. (48), the following equation is obtained for
the calculation of the temperature of a polymer gear pair:

T = T∞ +
0.625 · µ ·M1

cpair · ρair · z · b · (r2
a − r2)

(58)

Note that the previous equations implies that the temperature of the gears is not de-
pendent on the rotating speed of the gears. Compared to Takanashi and Mao methods, the
main advantage of this method is that it does not require the calculation of a heat transfer
coefficient, as Mao’s heat dissipation model is not based on Newton’s law of cooling. The
main drawback is that it can only be successfully applied to polymer gear transmissions in
which both gears are identical. Moreover, the simplifications made to calculate the degree of
tooth loss (Eq. (50)) can introduce errors when εα 6= 1.5. Finally, it is important to mention
that Mao uses a different version of the previous equation in some works [19, 70, 71], where
the coefficient 0.625 is replaced by 3.927, although no further explanations are given for this
change.

9. Numerical examples and discussion

A set of case studies were selected from the literature in order to test the presented meth-
ods and compare them with available experimental results [27, 37, 72]. The gear geometries,
materials and operating conditions that define the case studies are listed on Tab. 3. The
case studies are identified according to the original source: case study GP (Gear Pogačnik,
extracted from [27]), case study GS (Gear Singh, extracted from [37]) and case study GL
(Gear Letzelter, extracted from [72]).

The case studies were selected to cover a wide range of polymer gear applications, ensur-
ing a variety of geometrical parameters (module, teeth number and face width) and operating
conditions (input speeds, input torques, ambient temperatures and coefficients of friction).
The selected case studies also cover typical material pairing combinations like polymer/steel
and polymer/polymer. In this line, three typical thermoplastics used for gear applications

20



Table 3: Definition of case studies: gear geometries, materials and operating conditions

Parameter GP [27] GS [37] GL [72]

Normal module, mn/mm 1 2 3
Normal pressure angle, αn/° 20 20 20
Face width, b/mm 6 8 20
Pinion tooth number, z1 20 20 32
Wheel tooth number, z2 20 20 41

Pinion material POM POM PA66
Wheel material PA6 Steel PA66

Working axis distance, aw/mm 20.05 40.00 78.00
Nominal input speed, ω1/rpm 1646 1200 600
Nominal input torque, M1/N m 0.59 2.0 10.0
Ambient temperature, T∞/°C 23 29 21
Coefficient of friction, µ 0.18 [5] 0.20 [5] 0.40 [5]

*All open gear transmissions

are studied: polyoxymethylene (POM), polyamide-6 (PA6) and polyamide-66 (PA66). The
material thermal properties are summarized in Tab. 4. The air properties considered for the
calculations are given in Tab. 5.

Table 4: Thermal properties of the gear materials [5]

Property Steel POM PA66 PA6

Density, ρ/kg/m3 7850 1410 1145 1135
Thermal conductivity, λ/W/(m K) 52 0.28 0.23 0.29
Specific heat, cp/J/(kg K) 470 1470 1670 1500

In the following subsections the frictional heat generation, the hysteretic heat generation
and the convective heat dissipation models of the selected methods are studied. Finally, the
temperature prediction models of these methods are assessed.

9.1. Heat generated by sliding friction

In this subsection the frictional heat generation models of the selected methods (VDI
2736, Mao and Takanashi) are compared between them in terms of the average frictional
thermal power entering the pinion (Q̂f,1) predicted for each case study of Tab. 3. Addi-
tionally, and with the aim of being used as a reference values, theoretical results are also
included in this comparison.

To obtain these theoretical results, the instantaneous frictional power loss (Qf,th) is cal-
culated for each case study using Eq. (9). Then, taking into consideration the instantaneous
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Table 5: Thermal properties of the surrounding air at different temperatures

Property 21 °C 23 °C 29 °C

Thermal conductivity, λair/W/(m K) 25.76× 10−3 25.91× 10−3 26.35× 10−3

Kinematic viscosity, νair/m2/s 15.43× 10−6 15.62× 10−6 16.18× 10−6

Specific heat, cpair/J/(kg K) 1006.84 1006.92 1007.16
Density, ρair/kg/m3 1.185 1.177 1.154

heat partition factor, the thermal power entering the pinion tooth (Qf,th1) is calculated ac-
cording to Eq. (13). Both magnitudes are shown in Fig. 7 for each case study, illustrating
the effect of the heat partition factor. From these results, the theoretical values for Q̂f,1 are
obtained using Eq. (14b), where Ef,th1 is calculated by numerical integration of Eq. (14a).
Finally, the theoretical average heat partition factor (ϕ̂) is calculated according to the def-
inition provided by Eq. (18). The resulting values for Q̂f,1 and ϕ̂ are reflected in Tab. 6.
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Figure 7: Theoretical instantaneous frictional power loss for case studies GP, GS and GL

Table 6 also includes the resulting values for Q̂f,1 and ϕ̂ as calculated by VDI 2736,
Mao and Takanashi methods. In VDI 2736 standard, the average frictional thermal power
entering the pinion is calculated using Eq. (30). This equation contains an average heat
partition factor that is implicitly included in VDI 2736 formulation (see section 6.4), which
is insensitive to the transmission ratio and only implicitly provides values that take into
account the material pair. This affects the accuracy in which Q̂f,1 is calculated, and explains
the differences with respect to the theoretical values observed in Tab. 6. These differences
are higher for the case study GS than for the case study GL, showing that in VDI 2736
calculations the deviations from the theoretical results are due to the material pairing other
than the transmission ratio.

According to Mao’s frictional heat generation model, the average frictional thermal power
entering the pinion is calculated using Eq. (52). In this model, the frictional heat is implicitly
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Table 6: Frictional heat generation results for case studies GP, GS and GL

Quantity
Theoretical VDI 2736 Takanashi Mao Case

studyEq. (14b) Eq. (30) Eq. (40) Eq. (52)

Q̂f,1 / W

1.87 1.81 1.88 1.80 GP

0.60 2.15 0.58 4.93 GS

16.07 16.26 16.11 15.42 GL

ϕ̂
0.519 0.500* 0.519 0.500* GP

0.058 0.208* 0.056 0.500* GS

0.494 0.500* 0.495 0.500* GL

*Implicitly included in the derivation of the method

divided into two equal parts both for pinion and wheel, imposing an average heat partition
factor ϕ̂ = 0.5. As it has already been discussed, this method can only be accurate if the
gears have the same geometry and are made from the same material. This is observed in
Tab. 6, as Mao’s results diverge from the theoretical ones when the previous requirements
are not fulfilled.

Finally, Takanashi method is based on the frictional heat entering the pinion tooth, which
can be expressed in terms of Q̂f,1 using Eq. (40). This method predicts almost the same
average heat partition factor as the exact theory integration. The small differences (≤ 3 %)
were caused by the usage of the midpoint rule for the integration purposes. In terms of
frictional heat generation, Takanashi’s method is the one that provides closer results to the
theoretical solution.

9.2. Heat generated by hysteresis losses

Hysteretic heat is usually neglected in the analytical methods to predict the temperature
of polymer gears, under the assumption that its contribution to the temperature rise is small
compared to the effect of the frictional heating. In fact, from the considered methods, only
Takanashi’s is considering hysteresis’ effect over the temperature rise. In this subsection this
assumption is examined, as well as the accuracy of Takanashi’s solution for the hysteretic
heat compared to the theoretical one.

Figure 8 shows the hysteretic heat generated during the meshing of a pair of teeth (Eh,th1)
for each case study under four different operating conditions, according to Takanashi and
theoretical methods. The theoretical solution for Eh,th1 is obtained by solving Eq. (19)
using the fourth order Runge-Kutta method [62], and then calculating the hysteretic heat
by numerical integration of the hysteretic power loss. This figure also shows the frictional
heat generated during the meshing of a pair of teeth (Ef,th1).

In first place, and taking as a reference the results of the theoretical solution, Fig. 8
reveals that in all the cases Takanashi’s method tends to overestimate the theoretical values
obtained for Eh,th1. This happens as a consequence of the simplificative assumptions taken
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Figure 8: Hysteretic heat generation results for case studies GP, GS and GL

to derive Eq. (41). The minimum relative error between Takanashi and theoretical solutions
occurs at case study GL, oscillating between 35% and 75%. The maximum relative error
between both methods occurs at case of study GS, oscillating between 173% and 723%.

In second place, the relative contribution of hysteresis to the total heat generated during
the meshing of a pair of teeth is examined, taking as a reference the results obtained using
Takanashi’s method. Here it is important to recall that, as has been shown before, the
differences between theoretical and Takanashi frictional heat generation are below 3%. The
lowest relative contribution of hysteresis to the total heat is produced for the case study GL
(Fig. 8c), where the percentage of heat caused by hysteresis oscillates between 2% and 7%.
This is followed by case study GP (Fig. 8a), where hysteretic heat gains relative weight over
the frictional heat, but it is still under 32% of the total heat. Finally, for the case study
GS (Fig. 8b) the hysteretic heat prevails over frictional heat, reaching 72% of the total heat
generated.

The relative weight of hysteresis over the total generated heat is observed to be mostly
driven by the coefficient of friction. When the coefficient of friction is large, the relative
weight of hysteresis is small because frictional heat has a predominant effect over the gener-
ated heat. This is observed in works conducted by Černe [4] and Doll [39], where hysteretic
heat oscillates between 0.5% and 5%. On the contrary, when the coefficient of friction is
small, hysteretic heat has a larger impact over the total generated heat. This is observed
in the work of Takanashi [30], where hysteretic heat reaches rates comprised between 58%
and 65% of the total generated heat. These observations indicate that hysteresis could be
neglected when the coefficient of friction is large, but it should be taken into account when
the coefficient of friction is small.

Figure 8 allows us to draw some other conclusions. Although hysteretic heat increases
with the input torque, its relative weight over the total heat decreases as the input torque
increases, because frictional heat increases with torque at a higher rate than hysteretic heat.
The inverse effect is observed with angular speed: hysteretic heat decreases as the input
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speed increases, but its relative weight increases.
Observing Eq. (41), it can also be concluded that hysteretic heat decreases as the damping

coefficient and stiffness increase. Moreover, tooth bending stiffness is observed to play a
minor role in hysteretic heat generation, compared to contact stiffness. This effect was
already reported by Gauvin [20] and Koffi [38].

9.3. Heat dissipated by convection

In this subsection the convective heat dissipation models of the selected methods (VDI
2736, Mao and Takanashi) are compared between them in terms of the heat convection
per temperature change (q̂c) predicted for each case study of Tab. 3. For such a purpose,
Tab. 7 presents a comparison of the values of q̂c calculated using the three selected methods,
considering the nominal operating conditions. In this case, there is no theoretical solution
whose values can serve as reference results.

Table 7: Convective heat dissipation results for case studies GP, GS and GL

Quantity
VDI 2736 Takanashi Mao Case

studyEq. (35) Eq. (46) Eq. (57)

q̂c / W/°C
0.042 0.042 0.081 GP

0.123 0.088 0.308 GS

0.776 0.432 1.399 GL

While frictional heat generation is similar among methods, Tab. 7 shows that the heat
convection is quite different. Mao’s method always presents larger values, which means
that using this method, the predicted temperature is typically lower than using the other
methods. In the same way, Takanashi’s method always has the lowest values, meaning
that it typically predicts a larger operating temperature. For the calculation of VDI 2736
convection, it has been considered that 1/hc,V g = 0, as the gears are operating under open
air conditions.

Figure 9 presents the influence of the angular speed on the convective heat dissipation for
each method. The heat convection of the Mao method is linearly dependent on the angular
speed. Both Takanashi and VDI 2736 change its heat convection as the Reynolds number
changes. Therefore, the heat transfer due to convection is mainly affected by the Reynolds
exponents (0.4 vs. 0.75). A smaller exponent on the Reynolds number (Takanashi) implies
a larger convection at low speeds but a smaller one at higher speeds.

9.4. Temperature and experimental comparison

In this subsection the temperature calculation models of the selected methods (VDI 2736,
Mao and Takanashi) are compared between them in terms of the temperature predicted for
each case study of Tab. 3, under a wide range of input speed and input torque.

Figure 10 presents the temperature prediction for the three case studies, using the three
methods, as function of the input speed. The results for Takanashi’s method, in which the
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Figure 9: Influence of input speed on heat convection

hysteresis effect is neglected (Eh,th1 = 0), are also displayed in Fig. 10. The figures also
show results obtained from experiments [27, 37, 72], which are used as a reference for the
evaluation of the selected methods. The results for case study GS include error bars, which
are not available for remaining case studies.

Figure 10: Influence of input speed on temperature at nominal input torque

Both VDI 2736 and Takanashi methods exhibit a non-linear relation between the angular
speed and the temperature. In contrast, Mao’s method is independent of the angular speed,
and this can produce inaccuracies in those cases where angular speed is small [73]. While
all the methods can accurately predict the operating temperature for the case study GS, for
the case studies GL and GM they tend to diverge: Takanashi is closer to the experiments
for GP case study, whereas Mao and VDI 2736 are closer to the experiments for GL case
study.

Figure 11 presents the temperature prediction for the three case studies, using the three
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methods, as function of the input torque. The results for Takanashi’s method neglecting the
effect of hysteresis are also displayed in the figure. The figures also show results obtained
from experiments [27, 37, 72], which are used as a reference for the evaluation of the selected
methods. The results for case study GS include error bars, which are not available for the
remaining case studies.

Figure 11: Influence of input torque on temperature at nominal input speed

All the methods present a linear dependency between temperature and torque, except for
Takanashi’s one, where a non-linear relation between the input torque and the temperature
is obtained due to the consideration of hysteresis. Of course, the observed linear relation is
only true if a constant coefficient of friction is considered with an increasing torque. Here,
Takanashi presents the lowest deviation for case study GP, and VDI 2736 fits better for GS
and GL. For the case study GS, all the methods perform relatively well.

Figure 11 also reveals the role that hysteresis plays in Takanashi’s method. As expected
from the previous discussion, hysteresis has the largest impact in case study GS, and the
lowest impact in GL. In all the studied cases, it is observed that the increment of temperature
due to hysteretic heat increases, as does the angular speed and the input torque. Moreover,
the predominant effect of hysteretic heat in case study GS (Fig 11b) emphasizes the non-
linear relation between temperature rise and input torque.

As a final remark, it can be said that the performance of the methods depends mostly
on the selected coefficient of friction and heat transfer coefficient. In Fig. 11, the slope of
the curves is ruled by the selected coefficient of friction and the heat transfer coefficient.
In Fig 10, the behaviour of the curve is dictated by the selected Reynolds number when
applying Newton’s law of cooling, and the magnitude of the curve by the selected coefficient
of friction and heat transfer coefficient.

10. Conclusions

In this work, analytical methods to predict the operating temperature of polymer gears
are analysed and compared (VDI 2736, Takanashi and Mao methods). The temperature
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of the gears is calculated based on the first law of thermodynamics by establishing an
equilibrium between the heat generated during the meshing of the gears (by sliding friction
and hysteresis of the material) and the heat dissipated from the gears by convection. Thus,
each one of these methods is constituted by a heat generation model, and a heat dissipation
model. The similarities and the differences between the heat generation and heat dissipation
models affect the temperature results obtained from each one of the methods.

The analytical methods have been used to predict the operating temperature of three
representative case studies, and the obtained results have been compared to experimental
results, which has allowed us to draw the following conclusions:

1. Heat generated by sliding friction is considered in all the methods. For such a purpose,
they use an approach based on the observation of the gear tooth contact through the
line of action, considering a constant coefficient of friction and a stepped load sharing
distribution. Compared to the theoretical solution, it can be said that Takanashi heat
generation model is the most accurate one, followed by VDI 2736 and Mao model. The
main difference between the models consists in the way in the heat partition factor
calculation. Also, it is important to point out that Mao’s heat generation model can
only be successfully applied to gear transmissions in which the pinion and the wheel
have the same geometry and the same material, and a transverse contact ratio of
εα = 1.5.

2. Heat generated by hysteresis is only considered by Takanashi’s method. Takanashi’s
method uses a Kelvin-Voigt model to determine the heat generated by hysteresis,
and it has been verified that hysteretic heat can be neglected in those cases where
the coefficient of friction is large enough. However, when the coefficient of friction is
small, the hysteretic heat has a predominant effect over the frictional heat and, as a
consequence, it should not be neglected.

3. In VDI 2736 and Takanashi methods, heat dissipated by convection is calculated using
a model based on the Newton’s law of cooling. To set up this model, it is required to
conduct experiments to calculate the parameters that rule the behaviour of the heat
transfer coefficient and the size of the convective area, which are critical parameters
in order to obtain accurate temperature results. In Mao’s method, heat dissipated by
convection is calculated by approaching the gear transmission to a gear pump, which
has the advantage of not requiring experiments to tune up the model. However, its
applicability is limited to gear transmissions where both pinion and wheel have the
same geometry, and it is only suitable for high input speeds.

4. Comparing the obtained results with experimental results, it is observed that Mao’s
method presents limited capabilities to predict the operating temperature of the gears.
Between Takanashi and VDI 2736 methods it is not clear which one performed better
among the case studies, as each one of them performed differently depending on the
operating conditions.

Regardless of the final accuracy of the studied analytical methods, they have proven use-
ful to understand the thermal behaviour of polymer gear transmissions. In order to improve
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the accuracy of the results, further work must be done to include an accurate load sharing
function and a time varying coefficient of friction in the heat generation model. In this line,
the consideration of the temperature dependency of the tribological and material properties
of the gears could also help increasing the degree of realism of the results. Regarding the
heat dissipation model, further investigations should be made to improve the accuracy of
the heat transfer coefficients.
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Mechanical Engineering Letters 2 (2009) 1–11.

[53] A. J. Wimmer, Lastverluste von stirnradverzahnungen, Ph.D. thesis, Fakultät für Maschinenwesen der
Technischen Universität München (2006).

[54] D. Walton, A. A. Tessema, C. J. Hooke, J. M. Shippen, Load sharing in metallic and non-metallic gears,
Proceedings of the Institution of Mechanical Engineers, Part C: Journal of Mechanical Engineering
Science 208 (2) (1994) 81–87.

[55] H. Yelle, D. Burns, Calculation of Contact Ratios for Plastic/Plastic or Plastic/Steel Spur Gear Pairs,
Journal of Mechanical Design 103 (2) (1981).

[56] M. Karimpour, K. D. Dearn, D. Walton, A kinematic analysis of meshing polymer gear teeth, Proceed-
ings of the Institution of Mechanical Engineers, Part L: Journal of Materials: Design and Applications
224 (2010) 101–115. doi:10.1243/14644207JMDA315.

[57] P. Langlois, Tooth contact analysis-off line of action contact and polymer gears, Gear Technology
(2017).

[58] A. Singh, D. R. Houser, Analysis of off-line of action contact at the tips of gear teeth, SAE Transactions
103 (1994) 196–203.
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